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Investigation on rub-impact
response characteristics of gas
generator rotor system under
external excitation

Haibiao Zhang¥?3, Tao Liu**, Haifeng Zhao® & Qingshan Wang*2

Gas turbine engines of tanks, which are land-based derivatives of aero-turboshaft engines, share
core gas generator rotor structures but face significantly higher external impact loads due to combat
environments, require enhanced dynamic performance, especially in resisting rotor-casing rub-
impact response. To address this, a dynamic model of the rotor system is established, employing the
equivalent ring principle for the circular arc end-teeth connection structure, the differential quadrature
finite element method (DQFEM) for variable-section blades, and the lumped parameter method

for modeling the disks. The supporting system, which incorporates squeeze film dampers (SFDs), is
constructed based on oil film and short bearing theory. Using Coulomb'’s friction law, a blade-casing
rub-impact dynamic model is developed. The accuracy of the model is verified through modal testing.
A parametric study is conducted to explore the influence of impact load amplitude, support damping,
blade-casing stiffness and clearance, and unbalanced mass on the rub-impact response of the rotor-
casing system. The proposed model and findings are applicable to both vehicle-mounted gas turbines
and aero-turboshaft engine rotors. The results are useful in the design and optimization of vehicle-
mounted gas turbines under high external impact loads.
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The gas generator rotor systems of turboshaft aero engines and automotive gas turbines share similar
architectures, characterized by multiple support points, large spans, and multi-component rotors. In such high-
speed machinery, the blade-tip clearance—the small gap between the rotor blade tips and the inner wall of the
casing—is a critical parameter for overall performance and efficiency. To minimize working-fluid (e.g., gas)
leakage, this clearance should theoretically be made as small as possible; however, an excessively tight clearance
significantly increases the risk of blade-to-casing frictional contact, or “rubbing”. These transient rubbing events
not only can cause localized damage to blades, seals, or casing, but also induce severe vibration amplification,
often accompanied by seal wear, shaft thermal bowing, and abnormal noise. According to', blade-casing rubbing
is one of the most common failure modes in aircraft engines. In automotive gas turbines, the dynamic challenges
imposed by multiple supports and large spans are even more pronounced. Moreover, the stringent demands of
compactness and rapid transient response in vehicle applications complicate thermal deformation management
and clearance control; operating under wide temperature and load ranges further amplifies rubbing risks due to
intense transient shocks.

Stator-rotor rubbing is a highly complex nonlinear dynamic phenomenon, which can be divided into radial
rubbing, axial rubbing and a combination of both according to the rubbing direction?’. Among them, radial
rubbing is more common and can be further divided into full-circle rubbing®~> and partial rubbing®-® according
to the contact area. The forms of full-circle rubbing mainly include synchronous full-circle rubbing and reverse
full-circle rubbing. Synchronous full-circle rubbing is a typical forced vibration, in which the eddy direction of
the rotor is consistent with the rotation direction, the contact force is small, and the harmfulness is low; reverse
full-circle rubbing is a self-excited vibration caused by “dry friction”, the eddy direction is opposite to the rotation
direction, which will produce severe vibration and may cause serious damage to rotating machinery in a very
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short time®. According to the contact position and area, partial rubbing can be further subdivided into single-
point rubbing, multi-point rubbing, eccentric rubbing, and coupled rubbing of point and eccentric rubbing, etc.

Extensive research has explored the dynamic behavior of blade-casing rubbing in turbomachinery. Early
work focused on developing dynamic models to characterize the vibrational responses of rotor systems under
various rubbing conditions. For instance, Li et al.' introduced a modified rotating blade-casing model based
on elastic compatibility, which more accurately predicted casing deformation and vibration responses. Similarly,
Guo et al.!! improved upon existing models by incorporating the flexibility of both rotating blades and the
casing, leading to a more accurate analysis of the system’s rub-impact response.

To enhance computational efficiency and accuracy, researchers have also explored advanced modeling
techniques. Sun et al.!> demonstrated that using a Variable Thickness Torsional Shell (VITS) model for blades
significantly improves computational speed while maintaining accuracy. Zeng et al.!*-!> developed a reduced-
order FEM to analyze the influence of support stiffness on frictional behavior and resonance sensitivity. Li et al.'¢
established a dynamic model of a dual-rotor system with bolted connections in the high-pressure rotor based on
the Timoshenko beam element, and the rubbing response characteristics of the low-pressure rotor and the high-
pressure rotor were analyzed. Hong et al.!'” found that material properties and unbalanced mass significantly
affect stress distribution on blades during rubbing, exacerbating stress concentration. Jin'® established a
dynamic model for the rotor-blade-casing system of a turboshaft engine with curvic coupling connections, and
investigated the influence of pre-tightening forces on the system’s natural characteristics and nonlinear rub-
impact responses. These studies highlight the need for refined models that can capture the complex dynamics of
blade-casing interactions.

The operational stability of gas-generator rotors in turboshaft engines is critical for helicopters and high-
speed tracked vehicles that are routinely exposed to severe shock loads. Emergency landings, deck landings,
gunfire and off-road travel transmit high-amplitude transients through the engine mount, markedly altering
rotor dynamics and raising the probability of rotor-casing contact.

Previous research has investigated the dynamic characteristics of rotor systems under similar conditions.
Duchemin et al.'® and Sousa et al.?® both used theoretical and experimental methods to analyze flexible rotor
systems subjected to base excitation, confirming the significant influence of support motion. Further, Dakel et
al.2! developed a Timoshenko beam-based model that incorporated six base motions, revealing lateral dynamic
instability from parametric excitations. In the context of aero-engines, Gao et al.?2, Zheng et al.>* and Wang et
al.?* established dynamic models to study the impact of maneuver loads on rotor systems, demonstrating how
such overloads can lead to amplified vibrations and complex nonlinear responses. Liu et al.?* also highlighted
the importance of considering base motion on hydrodynamic oil-film forces, showing its significant influence
on dynamic responses.

Beyond simple base excitation, researchers have delved into more complex rub-impact scenarios. Zhang et a
studied a coupled bending-torsional system with rub-impact, finding that mass eccentricity and electromagnetic
torque can induce unstable responses. Wang et al.?” and Qi et al.?® investigated coupled faults and multi-factor
interactions in dual-rotor systems, revealing complex nonlinear behaviors like bifurcation and chaos. Lin et
al.?® provided a detailed analysis of high-/low-order mode coupling and parameter-driven instability in dual-
rotor systems. These studies underscore the complexity of rotor dynamics when multiple factors—such as base
motion, maneuver loads, and rub-impact—are at play.

Although previous work on gas-generator rotors has focused on aero-engines, aero-derivative gas turbines
operate under uniquely severe conditions. Armoured-vehicle turboshafts, for example, must survive intense
transients generated by artillery fire, obstacle traversal and broadband vibration; these shocks, transmitted
through the engine mount, markedly increase the likelihood of rotor-casing contact. Consequently, the rub-
impact behavior of such systems under high-intensity base excitation demands systematic study. While extant
models, advanced diagnostic techniques and controlled experiments have improved general understanding of
rub phenomena, they do not account for the distinctive geometry and extreme external loading characteristic
of aero-derivative turbines.

This paper addresses this critical gap by focusing on the rub-impact response of a gas generator rotor
system specifically for a tank gas turbine application. We make several key contributions, beginning with the
development of a novel equivalent dynamic model for the unique circular arc end-teeth connection structure.
This is followed by a comprehensive modeling approach that combines the differential quadrature finite
element method (DQFEM) for variable-section blades with the lumped parameter method for rotating disks.
Furthermore, we establish a complete rub-impact dynamic model tailored for external impact excitation,
incorporating a support system with a squeeze film damper and the rub-impact excitation force. Finally, the
model’s validity is confirmed through modal experiments, and we provide a detailed analysis of the system’s rub-
impact response characteristics under a range of impact excitations and key structural parameters. Crucially, the
model established in this paper and the results obtained are not only applicable to gas generator rotors for tanks,
but can also provide certain guidance for the impact resistance design optimization of gas generator rotors for
aviation turboshaft engines.

1.26

Dynamic modeling of gas generator rotor rub-impact response under external load
Description of the model

This paper investigates the rub-impact mechanism of a gas-generator rotor in an aero-derivative turboshaft
engine subjected to external shock. When a helicopter executes a shipboard or emergency landing with an
excessive sink rate (Fig. 1a), the vertical kinetic energy is converted into an impulsive load that is transmitted
to the engine mount through the landing-gear-airframe path. From a rotor dynamic perspective, this sudden
disturbance upsets the dynamic balance of the gas generator rotor. When the vibration amplitude exceeds the
designed clearance between the rotor blades and the casing, the rotor-casing rub-impact fault is triggered.
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(a) Hellcopter maneuverlng large loads in an (b) Maneuvering large loads on high-speed tracked vehicles in
emergency landing or ship landing motion

Blade 1

Fig. 1. Schematic diagram of external shock loads on the gas generator rotor system in a turboshaft engine.
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Fig. 2. Schematic diagram of the rotor blade-casing system for the gas generator.

Notably, vehicle gas turbines (such as AGT-1500) and aero-turboshaft engines (such as T700) exhibit significant
structural similarity of gas generator rotors, both adopting the typical configuration of multi-stage axial/
centrifugal compressors and gas turbines. This structural similarity means that in scenarios such as slope impacts
and artillery firing of high-speed tracked vehicles, the transient loads generated when vehicle kinetic energy is
converted into gravitational potential energy, as well as the pulse excitation casused by the reaction force of
artillery firing, will still be transmitted to the rotor system in the form of stress waves through the engine base
despite buffering by the suspension system. The excitation of high-speed tracked vehicles in scenarios such as
flying slope impacts and artillery firings can also lead to a risk of rub-impact in the gas generator rotor system
(Fig. 1b).

Figure 2 depicts the gas-generator rotor model analyzed in this study. The configuration is representative of
contemporary turboshaft engines and is readily scalable to aeroderivative units. Major components comprise
a single-stage centrifugal compressor (disk 1 C), three axial-compressor disks (1 A, 2 A, 3 A), two turbine
stages (1GT, 2GT), a central tie-rod, a compression nut, left and right bearings, and an outer casing. Disk 1 A
is machined from TC4 titanium alloy; disks 2 A, 3 A and the impeller are fabricated from TC11; both turbine
rotors are cast from GH4720Li nickel-based superalloy.

The gas generator rotor model comprises a central tie-rod, a stacked disk-bladed-disc assembly, compression
nuts, and left/right bearings. The curvic coupling is represented by an equivalent ring element; the tie-rod by
uniform beam elements; disks and blades by tapered beam elements. Preload in the nuts is applied as an axial
force between the centrifugal impeller and the second-stage turbine disk, while each bearing support is modelled
as a parallel spring—damper pair.

Equivalent dynamic modeling of the circular Arc end-tooth structures

For the gas generator rotor system, the circular end tooth connection structure is mainly used for the connection
and centering of discontinuous rotor components by contact interface extrusion. During the manufacturing of
circular arc end-tooth structures, micro-roughness inevitably exists on the contact interface due to constraints in
processing methods and precision. This feature causes the actual interface contact area at the end-teeth connection
of the rotor structure to be significantly smaller than the theoretical value, triggering discontinuous mutations in
contact stress. These factors lead to geometric discontinuities and mass mutations in the rotor system’s material
distribution, as well as stiffness degradation in mechanical properties. Based on solid mechanics and interface
contact mechanics theories, the stiffness loss of circular arc end-tooth structures can be expressed as:
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Kcontact:anontact (1)

where K represents the contact stiffness of the circular arc end-tooth structures, and K7,,,,,., represents
the contact stiffness of the circular arc end-tooth structures under the initial axial load. # is the overall stiffness

loss correction coefficient:
N=n1-M2 N3 (2)

where the 71, 12, andns are the interfacial contact area coefficient, the correction factor for the interfacial contact
effect and the correction factor for the stiffness resulting from the bending deformation of the circular arc end-
teeth, respectively.

When the contact area of the circular arc end-teeth contacts section changes, it is generally characterized by
the interface contact area coefficient 7.

As shown in Fig. 3, A represents the equivalent projected area of any contact tooth surface on the x-y plane;
A represents the nominal contact area of any contact tooth surface of the circular arc end-tooth structure, and
the specific expression is as follows:

(Dout - Dine) hf Zc

A =
C 4cosf

)

where D and D,  are the outer and inner diameters of the tooth, & is the tooth height. A , represents the actual
contact area of any contact tooth surface, and the specific expression is as follows:

Nawt

Aact = Z Awt (4)

=1

in the equation, P, is the unit distribution density of asperities in microtopography, which is determined
by surface roughness and statistically follows a Gaussian normal distribution function; n_, represents the
mathematical expectation of asperity numbers on any contact surface.

a,, signifies the contact area of a single asperity. According to the solid interface contact theory, it can be
expressed as:

"
TR Wa , Wq < We
_ R* 3 2
Ayt = ™ a1Wg + a2wg + a3We + a4) , WeWaWp (5)
*
2R wa,ws 2 wWp

where R is the equivalent curvature radius of the asperity top; w_ is the normal deformation of the asperity,
w,=2z, h b is the distance between rough surfaces; E” is the equivalent elastic modulus generated by the
contact surface: E*:[(l-yl)/E1+(1-/42)/E2]—1; E, and E, are the elastic moduli of the two contact surfaces; y,
and y, are the Poisson’s ratios of the two contact surfaces; K, denotes the average contact pressure coefficient:
K,=0.454+0.41p 0, w4, ay, ay and a, are correlation coefficients:

P
K, H\? . e
We = (M) R wp = 110we; a1 = M;ag = —2 (we + wp) a1
4F (we — wp) )
w3 — 2w§wp + 7wew2 — wg Qw(fwg
as = jag = —
3 (we — wp)? * (we — wp) (W2 — 2wewp + w3)

The roughness of the circular arc end-tooth contact interface can be characterized by asperities of varying heights
(as shown in Fig. 4). Under the assumption of material isotropy throughout the component, contact surface
asperities differ only in geometric morphology. Under external forces, deformation state variations among

!
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|
|
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Fig. 3. Schematic diagram of the correction of contact area loss at the interface of the circular arc end-teeth.
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Fig. 4. Schematic diagram of contact characteristics of the rough interface of circular arc end teeth.

asperities with different morphologies result in three contact characteristics: (1) elastic contact; (2) elastoplastic
contact; (3) plastic contact. For the same contact area, variations in contact characteristics lead to differences in
contact stiffness, typically characterized by the interface contact effect correction coefficient #,.
Based on the elastoplastic contact theory, the relationship between the interface contact force and asperity
deformation is expressed as:
4 3

1
* *E =
gE R *wé Gwt,Wa < We

Inw, — Inw
P a 7
Gt , WeWaWp @)

for=90H|1-01-K,)

Inw, — Inwe

*
H awt,wa > Wp

where H' is the surface hardness of the softer material among the two contact surfaces. The interface stiffness K,
without considering the contact effect and the interface stiffness K5 considering the contact effect are expressed
as follows:

Ko = E*Ager; Kb = Jut (8)
w

Thus, the interface contact effect correction coefficient #, can be determined:
n2 = K3/ K> )

The initial loads in the rotor system significantly affect the bending stiffness characteristics of the structure.
When the structural stiffness is enhanced by applying axial preload, the introduction of additional bending
moments leads to the stiffness degradation of the connected structure. Therefore, when considering the bending
deformation of the preloaded combined rotor, its stiffness degradation is characterized by the rotor bending
deformation correction factor 7,.

For the gas generator rotor system, a preload must be applied in its operating condition to ensure overall
structural rigidity. At this time, the expression for the bending stiffness of the circular arc end teeth is:

16ET u® , 16ET ug®
kL, = . . kb, = , . 10
3L 3 tanug — uy | OF 3 tan us — uo (10)
2
w= L2t (11)
iy

where k3, represents the structural bending stiffness caused by the initial load; #, and u, respectively represent
the influence of the preload on the structural bending stiffness of the left and right components. Therefore, the
bending deformation correction factor 7, can be expressed as:

1 ’U,13 1 ug3

imsr =1 (12)

-1 R
L 3 tanus — u2

3tanui — u1
Up to this point, the circular arc end teeth stiffness loss model can be determined by substituting Egs. (12), (10)
and (3) back into Eq. (1). Under the consideration of stiffness degradation influencing factors, this paper adopts
the equivalent ring structure to simulate the circular arc end-tooth connection structure, as shown in Fig. 5. b,
and by, are the thickness of the left and right end-teeth, b_ denotes the thickness of the engagement region of
the end-teeth. The equivalent ring is rigidly connected with the left and right end disk structures, and the strain
energy and mass of the equivalent ring structure remain constant with the end-teeth connection structure.
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Fig. 5. Schematic of equivalent modeling of circular arc end teeth connection structure.

Name Material | Elastic modulus (GPa) | Density (kg/m?) | Poisson’s Ratio
Cl1 TC4 109 4440 0.34
C1(Equivalent ring) | -- 73.80 4401.07 0.3
C2 TC4 109 4440 0.34
C2(Equivalent ring) | -- 68.64 4347.21 0.3
C3 TC11 123 4480 0.33
C3(Equivalent ring) | -- 72.93 4366.70 0.3
C4 GH4720Li | 225 8140 0.35
C4(Equivalent ring) | -- 155.76 6130.61 0.3
C5 GHA4720Li | 225 8140 0.35
C5(Equivalent ring) | -- 220.38 7906.39 0.3
C6 GHA4720Li | 225 8140 0.35
C6(Equivalent ring) | -- 211.66 7886.85 0.3

Table 1. Material properties of six end-teeth connect structures and the equivalent model.

Drawing from our previous work®, the elastic modulus, density, and Poisson’s ratio of the equivalent ring
structure, subject to a normal preload force F, are determined as follows:

Kcontact EL ER (bL + bR)

Ee u = (13)
a KcontactbLER + KcontactbKER + ACELER
pL- VL +pr- VR
= 14
Pequ Vi + Vg (14)
F.b  Febp Fe +
[ e+ ] B A 15
fiequ = F.(br + br)

where E; and E, denote the elastic modulus of the left and right end teeth, respectively; A_ denotes the contact
area of the end-teeth.

As illustrated in Fig. 2, the gas generator rotor system under investigation incorporates six circular arc end-
tooth connection structures. The equivalent ring modeling method, predicated on virtual material layering,
was employed to represent these six structures. Material parameters, both prior to and following this equivalent
representation, are detailed in Table 1.

Modeling of rotating disk-blade system
To model the dynamic behavior of the gas generator rotor system shown in Fig. 2, a simplified disk-blade system
is established. As in our previous work®, the specific modeling and derivation processes are omitted here; this
section provides the final energy expressions.

The system’s components are modeled as a hollow rigid disk and variable cross-section blades. The dynamic
model for the rigid disk is based on the centralized parameter method (Fig. 6), with its kinetic energy expression
given by:

1 . . . 1 . .

Taisk = 5Md(Xf Y2+ 75+ §Jd(0§ +63)
(16)

1 . . .

+5 (24 9) [+ 1) — 20y 0x]
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Fig. 8. Schematic diagram of the disk-blade coupling system.

where X, Y_and Z_are the displacements along the X ;. Y, and Z, directions, respectively.

Similarly, the variable cross-section blades are mounted on the disk assembly (Figs. 7 and 8). The kinetic
and potential energy expressions for the i-th rotating blade, considering bending, axial compression, shear, and
centrifugal forces, are as follows:

Ly

1 . 1
Toiade = 55 A(z)ipde = §(T1 + 1>+ T3) 17)
0
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Fig. 9. Model of the SFD support system.

1 (b v\ 2 1 Lo dp\ 2
Ustaae = 5 fe (z) (8—2) da+ Eﬂ(m)(%) dz
0 0

1 [Ev Au\ 2 1 [Ee ov 2
+§ ) EbA(ac)<%) dw+§/() m,A(m)G’b(%—go) dx

where E, G, and K, are the elastic modulus, shear modulus, and shear factor of the blade, respectively; fc denotes
the centrifugal force of the rotating blade:

f.(x) = /Lb dfo(z) = o /Lb A(z)(ry + 2)da (19)

According to the above derivation, the energy expression of the disk-blade system can be obtained as follows:

Nb
i
Torade—disk = Taisk + E Thiade

i=1

b (20)

i
Ublade—disk = E Usrade

=1

Modeling of support systems with squeezed film dampers
Squeeze Film Dampers (SFDs) are widely applied in the support systems of aero-engine gas generator rotors
due to their simple structure, excellent vibration damping performance, and high reliability. The gas generator
rotor system of a turboshaft engine typically adopts a 1-0-1 support scheme, as shown in Fig. 2. Engineering
practice indicates that when the rotor system is subjected to maneuvering large-load impacts, the damping of
the support structure can effectively dissipate rub-impact energy and suppress local rub-impact. The support
stiffness is also crucial for the rotor’s motion state after impact. A reasonable design of the support system can
ensure the operational stability of the rotor system under large loads and avoid damage to the support structure.
For simplification, based on model mechanism analysis, this paper uses an elastic support model composed
of parallel spring-damper elements to equivalently simulate the support system with SFD, and establishes its
dynamic model (Fig. 9), where Fig. 9(a) represents the elastic support model and Fig. 9(b) represents the squeeze
film mechanical model.

To condense the paper, the expressions for the support stiffness K¢, and damping Cg,, are provided below.
The relevant derivation process can be found in our previous work>’.

2usrpRsrpLy . ,€srp® musFpRsrp Ly .,

5 ;CsFp =
ng«‘D(1 - E2SFD)

Ksrp = = 21
2C8pp(1 - E?S‘FD)LO ey
Dynamic modeling of the blade-casing system

During the operation of the gas generator rotor system, significant vibrations occur in the rotor due to
maneuvering impact loads, leading to rub-impact between the blades and the casing. When rub-impact happens,
interactive forces are generated between the blades and the casing. To analyze the influence of these interactive
forces, this section establishes a blade-casing rub-impact model as shown in Fig. 10. The model simplifies the
casing as a stationary, rigid body, and solves for the rub-impact forces between the blades and the casing based
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Fig. 10. The contact force analysis model for blade-casing systems.

on previous studies. For this specific application, where the rotor system is subjected to high external impact
loads and the casing is significantly stiffer and heavier than the flexible blades, simplifying the casing as a rigid
body is a reasonable approximation. This assumption allows for a focus on the primary dynamic response of
the rotor and blades without the added complexity of casing deformation. Under normal operating conditions,
a designed clearance is maintained between the blades and the casing. When this clearance diminishes to zero,
rub-impact occurs, exerting two main types of forces on the blades: a normal impact force and a tangential
friction force.

(1) Normal Impact Force.

As shown in Fig. 10, the normal impact force refers to the normal force at the collision point, with the specific
expression as:

3 3,53 .
F,=K, 6,2+ K, 6, /250@5,, (22)

in the equation, K denotes the equivalent rub-impact stiffness between the blade and the casing, specifically
expressed as: K pzﬁhkc/ (k,+k_); k, and k_represent the radial equivalent stiffness of the blade and the casing,
respectively; a . is the energy consumption constant, with a value of 0.16s/m; 8P indicates the rub-impact
deformation, and its specific expression is:

Zp + 1 cos A — ecos(p + Qt) — zst] 2
51’:\/[ g v (90 ) ] 9 = Trot — Csr (23)

+ [yp + rsinpA — esin(ip + Q1) — yst]

where r_, represents the rotor radius, i.e., the distance from the blade tip to the axis; c_, is the gap between the
blade and the casing. The rate of change of the rub-impact deformation can be decomposed into the normal
velocity of the blade tip rub-impact point A relative to the disk centroid p and the normal velocity of the disk
centroid p relative to the casing, with the specific expression as:

SP = vf cospa + ’Uﬁ singa + (&p — @st) cOSa + (Yp — Yst) SiN A
= [Zp — st + (4 @)sin(p + Q)] cospa (24)
+ [ — Gt — (2 + @) cos(p + Q)] sin pa
(2) Frictional Force.
According to Coulombs friction theorem, the frictional force between the blade and the casing can be

regarded as two frictional components at the rub-impact point A on the tangent plane (perpendicular to the
normal direction) of the casing at the moment of rub-impact, with the specific expression as:

, 2 >
Fye=—vl / V@) 4 (0g7) | B
Fr = A A.jy2 AN IF

fa = (07)" + (va )" p|Fp

in which y represents the rub-impact friction coefficient, the expressions of the velocity components v/ and
vt are as follows:

(25)
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v = vih = rga, sinpa — ¢y cospa + (R + @) (P cos; — Py sinp;)
Ag _ A . A . . . . .
vy = —vy sinpa + vy cospa — (&p — Tse) sinpa + (Yp — Yst) COS A

(26)
=7(Q+ @) — [Tp — Tst +e(Q+ @)sin(p + Q)] sinpa

+ [Up — Yst — (2 + ¢) cos(ip + Q)] cos pa

By synthesizing and decomposing the rub-impact excitation forces obtained from the above analysis, the

components of the rub-impact excitation force between a single blade and the casing in the x and y directions

are obtained, and the expressions of the rub-impact excitation force components are as follows:
F; = —|Fp|-cospa — Ffq-sinpa 27)
Fy = —|Fp| -singa + Ffq-cospa

Summing the rub-impact excitation forces generated by all blades, the force of rub-impact on the entire rotor
system can be obtained, specifically as:

Nplade Nplade

F,= Y FhF,=Y F (28)
k=1 k=1

When rub-impact occurs between the blade and the casing, the work done by the rub-impact frictional force is
W, » with the specific expression as:

1 1
meZEFpuL + EFf,qUL (29)

Based on Hamilton’s principle, the specific expressions of the kinetic energy, potential energy, and external work
caused by rub-impact forces of the blade-casing system are as follows:

t2
5/ (Tblade+Tca sing — Ublade — Uca sin g + Wrub)dt =0 (30)
t1

in the equation, T, and U_, . represent the kinetic energy and potential energy of the casing, respectively; &
5 ¢ g casing . .
denotes the variation symbol; t) and t, are time variables.
On the basis of the above derivation, the Differential Quadrature Finite Element Method (DQFEM) is used

to discretize the displacement components of the rotating blade, with the specific expression as:

5 )
g=lga—[uwt) vt e@t) Ta=| . R G
u(:vz'v,t) v(zn,t) plzn,t)

where q represents the displacement column vector composed of displacement components; [ is the partial
differential operator matrix composed of Lagrange interpolation polynomials; gdenotes the discrete displacement
component matrix composed of the function values of Gauss-Lobatto quadrature nodes. To intuitively illustrate
the expression of the partial differential operator matrix, taking the displacement component u as an example,
this paper gives the discrete process of the derivative and integral operations of the displacement component:

1
w = Aéll)ﬁ;/ u(z,t)de = Coru
€ —1

=[ u(z1,t) u(zit) - ulzy,t) "

(32)

I

in the equation, A(()ll) and Co: represent the one-dimensional differential weighting coefficient matrix and
integral weighting coefficient matrix, respectively, with the specific expressions as:

1 1 1
A§1) A§2) U Aiz\)f
A AR AR
Af) = . ;Co1 = diag (C1,C2,--+ ,Cn) (33)
1 1 1
AG) AG AR

where AS-) and C); represent the differential weighting coefficient and integral weighting coefficient, respectively,

and the specific expressions can be found in Reference?!.

Through variable substitution, the characteristic equation of the blade-casing system can be further obtained,
with the specific expression as:
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{Mbladcqwade + (Chriade + Grrade) Ayiage + Koiadeoiage = FriadgetFe (34)

M

casingcasin casingcasin casing4casin = casing — e
ingd g T Ceasingd ¢ T Keasingq g=F F

in which, My, ..~ Cyus Gy Qpigqe 20d Fyyy, represent the structure matrices and column vectors relgted
d F__ represent the structure matrices

to the variable cross-section blade; M. . C . . o~ q. an

. cast . casing casing casing casin, .
and column vectors related to the casing; f’e is the rub-impact force between the blade and the casing; C,, .. and
Casing €a0 be determined by the Rayleigh damping matrix, with the specific expression as:

Cblade,casing = aMblade,casing + ﬂKblade,casing (35)

in the equation, « and f3 are proportional constants, with the specific expressions as:

a:47rfn1fn2(€1fn2 - £2fn1) . :€2fn2 - glfnl
(f22 = f21) ' 7(faz — fr1) (36)

1 2
fnl = fblade,casing; an = fblade,casing

B

where &, and §, are modal damping ratios, is usually determined using frequency response experiments, and in
this paper, the value is taken as &, =0.01, £,=0.02 because they fall within the commonly adopted engineering
range for aero-engine rotor systems, which typically exhibit low damping (0.5%-2%); fiq4e and f2,4. are the
Ist and 2nd natural frequencies of the blade, respectively; fclasmg and fc2asing are the 1st and 2nd natural
frequencies of the casing, respectively.

Dynamic modeling of rub-impact in gas generator rotor systems

In summary, the previous section developed dynamic models for the arc-end tooth connection structure under
bending deformation, the variable cross-section blade, the disk, the support system incorporating a squeeze
film damper, and the blade-casing rub-impact system. Building upon these models, this section establishes a
rub-impact dynamic model for the gas generator rotor system. Key components within this system include the
central tie rod, disk, variable cross-section blade, arc-end tooth connection structure, casing, and the support
system with a squeeze film damper. The rub-impact dynamic model of the gas generator rotor system exhibits
coupling relationships among its key components. Four representative substructure coupling systems are
incorporated within the model: the rotor-support system, the disk-blade system, the rotor-arc tooth system, and
the blade-casing system. The rotor-support system comprises the central tie rod, disk, and support system with
a squeeze film damper, with the tie rod and disk connected by bolts, and the disk elastically connected to the
support system. The disk-blade system couples the disk with the blade roots of the variable cross-section blades
via co-nodes. The rotor-circular arc end-tooth system realizes coupling between disk components through the
arc-end tooth connection structure. Finally, the blade-casing system couples the blade tips to the casing through
rub-impact.

To further illustrate the coupling relationships of each coupling system in the rub-impact dynamic model
of the gas generator rotor system, this section gives the matrix assembly diagrams of each coupling system, as
shown in Fig. 11. For the rotor-support coupling system, the expression of the discretized motion differential
equation is as follows:

M rrsGrrs + (Crrs + Grrs) drrs + KrrsQrrs = Frrs

MT‘OtOT‘ 0 0 Gj’l;otor f-otorf'r'od 0
MRRS = 0 MTOd 0 ; GRRS = 7G$‘oto7‘77‘od C""'rod 0
0 0 Msuppo'rt 0 0 0
37
Igw'roto'r 'IC‘OtOT‘—TOd K’f‘otonsuppo'rt ( )
Krrs = Tf‘otorf'rod K, .4 0 ;Crrs = M prs + BK grs
Kﬁotorfsuppov‘t 0 Ksupport
T T
FRRS = [ FTDtOT F'rod Fsupport ] ydRRS = [ qr'otor qrod qsuppor't ]
in which, Mo, Cpro Grps and Ky s represent the structure matrices related to the rotor-support coupling system;
qyps and Fy o represent the displacement column vector and external load column vector of the rotor-support

G_, and K_, represent the mass matrix, gyro matrix, and stiffness matrix
rotor’ " rotor rotor

coupling system, respectively; M
of the disk, respectively; M .G and K, , represent the mass matrix, gyro matrix, and stiffness matrix of the
tie rod rotor; M oort and K, pore TEPTESENL the mass matrix and stiffness matrix of the support system with a
squeeze film damper; q an represent the displacement column vectors and external
rotor,rod,support . rotor,rod,support ! c c .

load column vectors of each component in the rotor-support coupling system; G and K§ denote the coupling
terms.

For the disk-blade coupling system, the expression of the discretized motion differential equation of the

system is as follows:
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Fig. 11. Schematic diagram of matrix assembly for the coupling systems in the rub-impact dynamic model of

the gas generator rotor system.

Mgrpipp + (Crp + Grp)drp + Krpdrp = Frs

MRB — |: rooto'r

0
-G _ .
Myade }’ RB [ -G¢7

c
Grotor G'r'otorfblu,de

Gblade

rotor—blade

Krm‘or Kc
t rotor—blade . _
KRB:|: KT K }7CRB—OCMRB+/BKRB
rotor—blade blade
Frp=[F Foage 1" = 1"
RB — Totor blade ydrrB = | 9rotor Dbiade

where My, Cpp, G,

the disk-blade coupling system, respectively; g,

load column vector of the disk-blade coupling system, respectively.
For the rotor-circular arc end-tooth coupling system, the expression of the discretized motion differential

equation is as follows:

5 and K, represent the mass matrix, damping matrix, gyro matrix, and stiffness matrix of
and F,, represent the displacement column vector and external
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M rcriger + (Crer + Grer) dror + KrcrGror = Frer

M'rotor 0 0
Mprcr = 0 Mtooth 0
0 0 rotor
c
C[]{rotor G'r'otor—taoth 0
c c
GRC’R = _Grotorftoath Gtooth Gtoothfrotor (39)
0 G G
tooth—rotor rotor
c
-qlgvrotor rotor—tooth 0
c c . _
KRCR = rotor—tooth ggtooth Ktooth—rotor ’ CRC’R - aMRCR + ﬁKRCR
c
0 tooth—rotor Krotor
T T
FRB = [ FTOfO‘r‘ Ftooth Froto’r ] 7qRRB = [ qrotor qtooth qrotm" ]
in the equation, My p, Cprps Gpep and Ko, represent the mass matrix, damping matrix, gyro matrix, and

stiffness matrix of the rotor-arc tooth coupling system, respectively; g, ., and F,, represent the displacement
column vector and external load column vector of the coupling system; M, . G, .. and K, . represent the
mass matrix, gyro matrix, and stiffness matrix of the circular arc end-teeth connection structure; q,, , and
F, ., represent the displacement column vector and external load column vector of the circular arc end-teeth
connection structure, respectively.

For the blade-casing coupling system, the discretized motion differential equation of the blade-casing
coupling system is shown in Eq. 34. On the basis of the above sub-system matrix assembly, the overall matrix
assembly process of the rub-impact dynamic model of the gas generator rotor system is shown in Fig. 12, and the

expression of the discretized motion differential equation is as follows:

............ Coupling term

Rotor-support
coupling system
|

WA)SAS Sugl[dnoo 31091
-puo dJe JB[NOII0-1030Y

Suridnoo Surseos-ape[g

Fig. 12. Schematic diagram of overall matrix assembly for the rub-impact dynamic model of the gas generator
rotor system.

Scientific Reports|  (2025) 15:39595 | https://doi.org/10.1038/s41598-025-23363-7 nature portfolio


http://www.nature.com/scientificreports

www.nature.com/scientificreports/

Mresplresp + (Crosp + Gress) dress + Krospdress = FrosptFe
Mcasingijcasing + Ccusingqcasing + Kcasingqcasing = Fcasing - Fe

C C
M rrs 0 0 GTRRS GRrs—rcr  GRrRrs—rB
(& c
Mpcsp = 0 Mpcr 0 iGRresp = _GRI%S—RCR Gj}j’,CR GRror-RB
C c
0 0 Mgs —G%rs—re  —GRor-rB Grp (40)
C C
IT{RRS Krrs_rcr Krrs_rB
(& c
Krcse = KR%@S—RCR Ig:RCR K%cr-rB |;CrosB = aMpcsp + BKrese
C C
"rs—re  Krcr-rB Krgp
T T
Fresp=| Frrs Fror Frs ] i9ress = 9rrs 4rcr  9rB |
where, M rcsp Cresp Gress and K represent the mass matrix, damping matrix, gyro matrix, and stiffness
matrix of the gas generator rotor system; g ., and Fy ., represent the displacement column vector and external

load column vector of the gas generator rotor system.

Solving procedure of rub-impact response in gas generator rotors under impact excitation
As shown in Fig. 1, helicopters and tracked vehicles experience impact loads during operation. According to
Newtons third law, the external impact force is transmitted to the engine compartment in the form of lateral
forces, ultimately impacting the gas generator rotor system. Figure 13 illustrates the blade-casing contact
phenomenon in the gas generator rotor under impact excitation. Under the influence of external impact
excitation, the chassis imparts a fundamental excitation to the engine’s support structure. Relative motion occurs
between the support structure and the rotor structure. The impact load is transmitted through the support
structure to the rotor structure, inducing blade-casing contact during the process. At this point, both left and
right supports simultaneously apply external dynamic impact excitations, F(t) and F (¢).

To address the external impact load excitation experienced by the gas generator rotor system during operation,
this paper applies the impact acceleration in the y-direction to the left and right support structures of the gas
generator rotor. Based on Newton’s second law, the work done by the impact excitation on the support nodes is:

1 1 1 1
Fgrcsp = in(; (w) + §Fr6 (ur) = iMRCSBAsul + §MRCSBASUT (41)

In which, A_ represents the amplitude of shock acceleration; u, and u, are the position vectors of left and right
support nodes. The impact excitation in this paper is modeled using a sawtooth pulse with a sharp peak, the
waveform of which is shown in Fig. 14. The pulse duration (T},) and the peak value of the impact load are
determined based on the different forms of impact loads considered.

Figure 15 illustrates the rub-impact mechanical process between a single blade and the casing, considering
the structural characteristics of the gas generator rotor system. When the impact excitation is not applied, rub-
impact does not occur between the rotor and the casing. The rotor undergoes synchronous forward whirling
under the action of unbalanced excitation, and there is a certain clearance between the blade and the casing.
When the engine is subjected to impact excitation, due to the different mass inertias of the rotor and the
casing, the rotor undergoes a large vertical displacement relative to the casing, leading to the reduction of the
clearance between the blade and the casing and the generation of contact, thus initiating rub-impact (as shown
in Fig. 15(b)). With the occurrence of rub-impact, rub-impact loads are generated at the contact point, including
normal force and tangential force. After the contact intensifies, the rub-impact force continues to increase
until the maximum contact state is reached, at which time both the blade and the casing undergo significant
deformation (as shown in Fig. 15(c)). When the rotor continues to move, the contact between the blade and

1A A 3A 1C 1GT 2GT
i . . S T
v 7 b v Y v
FrubO""
._.o-——-o—-—O-——o—*—-—o-—_jw
77777 77777

Fig. 13. Schematic diagram of the rub-impact phenomenon in the gas generator rotor under impact
excitations.
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Fig. 15. Schematic diagram of the rub-impact mechanical process between a single blade and casing under
impact excitation. (a) Before impact excitation, (b) Rub-impact initiation, (c¢) Maximum rub-impact state, (d)
End.

the casing gradually weakens, the rub-impact force gradually decreases, and finally the contact separates, the
rub-impact load drops to zero, and the rub-impact ends (as shown in Fig. 15(d)). With the continuous whirling
of the rotor, under the accumulation of unbalance, rub-impact contact between the blade and the casing may
occur again.

Substituting Eq. (41) into Eq. (40), the dynamic response of rub-impact excitation for the gas generator rotor
system under large impact excitation can be obtained. The specific calculation process is shown in Fig. 16. First,
under zero initial conditions, only the rotational inertial excitation load is applied to the gas generator rotor,
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Fig. 16. Calculation process of dynamic response for gas generator rotor system under impact-rub-impact
excitation.

and the fourth-fifth order Runge-Kutta method is used to numerically solve Eq. (42) to calculate its dynamic

response.

M resplress + (Cross + Gress) dress + Kresplress = FrosptFe (42)
Mcasingqcasing + Ccasingqcasin,g + Kcasingqcasing = Fcasing - FE

Through this calculation, determine the response amplitude and the corresponding time when the critical section
of the rotor reaches a stable synchronous forward precession state. Use this time as the moment to apply the
impact load. Subsequently, under zero initial conditions, recalculate the dynamic response. Apply the rotational
inertial excitation load, and at the determined impact moment, apply the impact load to the degrees of freedom
of the rotor support according to the selected coordinate system. By analyzing the displacement response of the
rotor at the instant of the impact, determine the position with the maximum displacement response to identify
the possible rub-impact positions between the blades and the casing. Finally, under zero initial conditions,
perform the dynamic response calculation again. Apply the rotational inertial excitation load and the impact
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Tierod |1A 2A 3A 1C 1GT 2GT

R,,=19.5 | R, =45.75 | R, =54 | R, =86 | R, =70 |R, =47.5 |R, =

R=22 |R,=254 |R,=43 |R,=81 |R,=57 |R =425 |R,=325

L=576 | R, =74.55 | R, =86 | R, =86 | R, =91 |R

Ry=42 | Ry=81 | Ry=81 | Ry=150 | R,=335 | R,=28

h=59.55 |h=82 |h;s=100 |h=120 |h=85 |h=40

h=556 |h=3 |h=45|h=  |h=15 |h=15
h=256 |h=2 |h,=25|h=  |h=3 |h=3
b,=66  |b=40 |b=38 |b=- |b=22 |b=22
b,=8038 |b,=35 | b,=25 |b=- |b,=20 |b,=20
L=7156 |L,=35 |L,=24 |L=- |L=30 |L,=30

Table 2. Structural parameters of the gas generator rotor system(Unit: mm).

Order

No stiffness loss

Only considering the end-tooth contact effect

Considering the bending deformation and the tooth surface contact effect

1st

11,413

11,400

11,377

2nd

25,258

25,098

24,803

3rd

67,930

67,239

66,330

Table 3. Critical speeds of a turboshaft engine gas generator rotor system (RPM).

load at the determined impact moment. Simultaneously, based on the previously identified potential rub-impact
positions, determine the clearance between the blades and the casing at the impact moment to check if rub-
impact occurs (i.e., whether the rotor precession radius exceeds the blade-casing clearance). If the rub-impact
condition is met, apply the rub-impact excitation load to the lateral degrees of freedom of the corresponding
bladed disk, and further analyze the response amplitude of the rotor during the impact-rub-impact process.

Numerical example and discussion

Following the establishment of the rub-impact dynamics model for the gas generator rotor system under impact
loads, this section first verifies the equivalent dynamic model of the circular arc end-tooth connection structure.
Subsequently, the rotor dynamics modeling approach is validated experimentally, and a simulation is performed
to analyze the influencing factors affecting the rub-impact characteristics of the gas generator rotor system
under impact excitation. Table 2 presents the structural dimension parameters of the gas generator rotor system
investigated in this study.

Dynamic analysis of circular Arc end-teeth connection structure

To further illustrate the impact of circular arc end-tooth connection structure stiffness loss on the gas generator
rotor system, this section calculates the critical speeds and mode shapes of the gas generator rotor system, as
presented in Tables 3 and 4, and compares the results under different levels of stiffness loss. As stated in 2.2,
the stiffness loss caused by the circular arc end-tooth connection structure is mainly due to the following three
aspects: the change in the area of the circular arc end-tooth contact interface, the change in contact characteristics,
and the bending deformation of the rotor. This section will gradually consider the influence of these factors on
simulation calculations.

As demonstrated in Table 3, considering only the contact characteristics of the end-tooth interface results in
minimal changes to the first three critical speeds of the rotor system. The third critical speed exhibits the largest
change, decreasing by approximately 1.02% relative to the baseline case without stiffness loss. After considering
the bending deformation of the rotor system, it has a significant impact on the second and third-order critical
speeds of the gas generator rotor system, which are decreased by 1.8% and 2.36% respectively. This may lead
to a reduction in the margin between the maximum operating speed and the first-order critical bending speed
during the actual operation of the gas generator rotor. Therefore, a dynamic model incorporating the loss of
bending stiffness in the circular-arc end-tooth connection structure is necessary to accurately describe the rub-
impact response characteristics of the rotor-casing system under external impact loads.

Modal testing of the circular Arc end-teeth connection rotor system

To carry out the experimental verification research on the vibration characteristics of the circular arc end-tooth
connected rotor system, this study designs a rotor-blade vibration characteristic test with end-tooth connection
based on the dynamic similarity design principle and according to the structural characteristics of the disk
assembly and blade assembly in the gas generator rotor system. The specific structural schematic diagram is
shown in Fig. 17. The test system mainly consists of the following components: (1) Flexible suspension ropes,
(2) Support frame, (3) Bladed disk I, (4) Vibration acceleration sensor, 5— 1. Bladed disk II, 6. Rotor, 7. Data
acquisition device, 8. Laptop computer.
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Translational mode (189.5)

Translational mode (190.2) Translational mode (190.2)

2nd
Pitch mode (420.9) Pitch mode (418.3) Pitch mode (413.4)
3rd
Bending mode (1123.2) Bending mode (1122.2) Bending mode (1105.5)
Table 4. Vibration modes of a turboshaft engine gas generator rotor system in rotating state (Hz).
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Fig. 17. Modal test scheme for end-tooth connected rotor-blade system.
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Instrument

Type Parameter Usage Physical diagram

Hammer

Sensitivity: 1 mV/N
Range: 5000 N

Size: 230 mm

Mass: 158 g

LCo02 Generate excitation

Acceleration sensor

Range: 0.3 Hz~ 10 kHz
Sensitivity: 1 mv/ms?
Mass: 6 g

4335-B-001 Collect vibration acceleration signals

Signal acquisition and analysis system

3050-A-060 | Frequency range: 0 Hz~51.2 kHz | Receive force signals and acceleration signals

Table 5. Test instrument.

Rotor | Disk | Blade | End-teeth | Coupling
Density (kg/m?) 8140 | 8140 | 8700 | 8240 8140
Young’s modulus (GPa) | 225 225 | 131 204 207
Shear modulus (GPa) 83.3 83.3 | 46.16 | 78.46 80.23
Poisson’s ratio 0.35 0.35 [0.419 |03 0.29
Inner diameter (mm) 20 65
Outer diameter (mm) 20 300 74
Pitch circle radius (mm) 20
Length (mm) 830 33 80
Thickness (mm) 60 2
Number of parts 1 2 10 20 1

Table 6. Dimensions and material parameters of experimental workpieces for the end-teeth connected rotor
blade system.

A hammer-impact modal test was performed on the circular arc end-teeth connection rotor-blade assembly
to validate the mass and stiffness matrices derived in the dynamic model. To isolate structural matrices from
boundary effects, the assembly was suspended on flexible cords, approximating a free-free condition.

The test scheme is shown in Fig. 17(a), with the specific procedures as follows: (1) Construct a finite element
mesh model of the end-tooth connected rotor-blade system using finite element simulation software; (2) Import
the mesh model into B&K PLUSE vibration and noise measurement analysis software; (3) Connect the test
equipment sequentially according to the scheme; (4) Set parameters for excitation points and measuring points
in PLUSE software; (5) Perform successive hammer excitations on the excitation points of the test piece; (6)
Collect acceleration frequency-domain response signals via acceleration sensors arranged at the measuring
points; (7) Process the test data in PLUSE software; (8) Organize the equipment and clean the test site to
complete the experiment. It should be noted that to eliminate accidental errors, the test is conducted twice to
ensure result reliability, with the field photo shown in Fig. 17(b). The test equipment and relevant parameters
are listed in Table 5.

In this experiment, the test piece uses two sets of disk-blades to simulate the turbine structure. For ease of
machining, the blades in this experiment are simplified into rectangular plate structures in cross-section. The
relevant material parameters and geometric dimensions of the test piece are shown in Table 6. The basic design
parameters of the end-tooth connection structure are as follows: outer diameter doutter =74 mm, inner diameter

iner = 65 MM, pressure angle of 30°, number of teeth of 20, addendum height of 1.98 mm, dedendum height of
1.48 mm, and addendum chamfer height of 0.3 mm.

Following the test scheme outlined previously, this experiment was conducted. The test workpiece was
suspended from a metal support using an elastic nylon rope, as illustrated in Fig. 17. Repeated impacts were
applied to various excitation points on the rotor, disk, and blades, and the resulting structural acceleration
response signals were collected. This data was then used to generate acceleration frequency response curves
for the end-tooth connected rotor-blade system under free boundary conditions, as shown in Fig. 18. The
acceleration frequency response curves reveal a concentration of peaks in certain regions, hindering the clear
identification of corresponding natural frequencies. To address this, the first five resonant frequency regions are
presented as local enlargements in Fig. 19. As previously noted, to ensure reliable test results, the frequencies of
peak points exhibiting close values in the two tests were averaged to determine the final experimental results. A
comparison of the first five natural experimental frequencies is presented in Fig. 20.

Figure 20 demonstrates a strong correlation between the predicted results obtained using the method
presented in this paper and the experimental test results. The maximum relative error is 2.95%, occurring at
the fifth order frequency, while the minimum relative error is 1.49%, occurring at the second order frequency.
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This indicates that the construction of related matrices, such as the mass matrix and stifftness matrix, during the
dynamic modeling of the circular arc end-teeth connection rotor-blade system is accurate. Furthermore, Fig. 18
also reveals the presence of other, less prominent peaks within the analysis frequency range of [200, 400] Hz,
in addition to the peak values marked in Fig. 19. This phenomenon primarily arises from the inclusion of other
components, such as couplings, within the arc-shaped gear connection rotor-blade system, which can also excite
their inherent frequencies during testing.

Analysis of the rub-impact response of the gas generator rotor system under impact
excitation

This section will analyze the rub-impact response of the gas generator rotor system under large impact excitation.
Given that the operating environment of the first-stage gas turbine rotor (1GT) and the first-stage blade disk
rotor (1 A) is the most severe and exhibits the smallest tip clearance, the rub-impact loads generated at 1GT and
1 A are primarily referenced when considering blade-casing rub-impact excitation.

The rub-impact analysis was carried out for the gas turbine engine rotor blade-casing system, considering
impact loads during obstacle crossing in road driving. The rotor system is configured with a support stiffness of
1.5x 107 N/mm, support damping of 2000 N-s/m, a rub clearance of 0.03 mm for 1GT, and a rub clearance of
0.15 mm for 1 A, the operating rotational speed is 45,000 rpm. The analysis first considers an impact load typical
of road driving, with a duration of T;=0.191s and an impact acceleration of A =2.359 g.

Inserting the impact load into Eq. (41) yields the time-domain displacement histories of the first-stage
turbine disk and its bladed sector (Fig. 21). The green trace in panels (a) and (b) denotes the blade-tip clearance.
Under off-road shock, the 1GT blades intermittently contacted the casing, whereas the 1 A compressor disk did
not; blade—case rubbing continued after the excitation had ceased.

Due to the relatively low amplitude of the impact and the damping effect of the support system, severe rub-
impact instability was avoided.

Next, the dynamic response to a short-duration, high-amplitude impact typical of tank gun firing is analyzed.
The parameters for this impact are an amplitude of A =20 g and a duration of T,=11 ms, All other rotor structural
parameters are the same as in Fig. 21. The displacement time-domain responses and shaft orbits of the first-stage
disk (1 A) and first-stage gas turbine (1GT) in the rotor-blade-casing system are shown in Fig. 22.

As revealed by Fig. 22, the impact from artillery fire induced a significant rub-impact at the gas turbine
rotor. The peak displacement of 1 A was 0.215 mm, which is 143.3% of the design clearance (0.15 mm), but
after the impact is over, the rotor does not exceed the design clearance. The peak displacement of 1GT reached
0.096 mm, exceeding its 0.03 mm clearance by 3.2 times. After the load ends, due to the vibration energy
dissipation characteristics of the gas turbine rotor, the displacement response remains in the range of 0.04-
0.05 mm, and continues to break through the casing clearance constraint, resulting in the first-stage blade disk
rotor displacement response increasing by 39% compared to before the rubbing.

Gun-fire-induced shocks generate large transient displacements that trigger sustained rub-impact in the
1GT turbine rotor while sparing the 1 A compressor disk. The resultant motion amplification transmitted to the
compressor disk underlines the necessity of analyzing fully coupled rotor dynamics.

Parametric study

The previous section presented the simulation results for the rub-impact response of the gas generator rotor
system under a specific impact excitation. Building on those findings, this section performs a parametric
study to systematically analyze how key structural characteristics influence the rub-impact response of the gas

Scientific Reports |

(2025) 15:39595 | https://doi.org/10.1038/s41598-025-23363-7 nature portfolio


http://www.nature.com/scientificreports

www.nature.com/scientificreports/

UY/mm

0.20

0.15 -
0.10 -
0.05 -
0.00 -
—-0.05 -
—-0.10 -
—-0.15 _

70.20 L 1 " 1 L .06 1 1 " L 1 1 1 " 1 L
-0.2 —0.1 0.0 0.1 0.2 —0.06—-0.04—-0.02 0.00 0.02 0.04 0.06

R

‘“”“HH\H\m'||||||||u--www‘ "II|||||IHH\H|}

I
I

~0.02 WHMM||HIHMlHHH\H”HHHHWH{Hlmml||||||nw

Sooooooo
SO ODOOO
—O—NWA U

UZ/mm

i

—0.04

e e T T
0.250.300.35 0.40 0.45 0.50 0.55 0.60

0.05 — : : : : : :
0.250.300.350.400.450.500.550.60
t/s t/s

(a) Displacement of 1A (b) Displacement of 1GT

T T T T T T 0.06 T T T T T T T T T T

0.04

0.02

0.00

UY/mm

-0.02

—0.04

UZ/mm UZ/mm
(c) Rotor center orbit of 1A (d) Rotor center orbit of 1GT

Fig. 21. The rub-impact response of the gas generator rotor system under driving impact excitation.

generator rotor at operating speed (45000 rpm). By varying a single parameter at a time, we can isolate its effect
and determine the sensitivity of the rotor’s dynamic behavior to changes in that parameter.

This parametric study employs the high-amplitude impact load characteristic of artillery firing as its baseline
condition, a scenario previously demonstrated to induce severe rub-impact. The structural parameters examined
include impact load amplitude, rotor support damping, blade-casing stiffness, rotor-casing clearance, and rotor
unbalance. The resulting findings are essential for establishing design and optimization principles to enhance the
impact resistance of the gas generator rotor system.

Influence of impact load amplitude on the rub-impact response of the gas generator rotor system

As indicated in the research of Sect. “Analysis of the rub-impact response of the gas generator rotor system
under impact excitation’, the impact load generated during road driving does not exceed 5 g, which has a limited
effect on the rub-impact characteristics of the gas generator rotor system. After a short dynamic transition
process, the gas generator rotor system can gradually return to its initial steady-state operation. However, for
the strong impact load during artillery firing, although its duration is short, the severe load amplitude has a
significant impact on the gas generator rotor system. Therefore, this subsection further investigates the rub-
impact response characteristics of the system under different impact load amplitudes.

The gas generator rotor system is specified with the following parameters: the support stiffness is 1.5x 107
N/m, the support damping is 2000 N-s/m, and the equivalent rub-impact stiffness is 1x10* N/m. The rub-
impact clearance is set to 0.15 mm for 1 A and 0.03 mm for 1GT. The unbalanced amounts are set to 10 g-mm
for both the 1 A and 2GT. Figure 23 shows the displacement time-domain response curves of the gas generator
rotor system for different impact load amplitudes, with C1 to C4 corresponding to 10 g, 20 g, 30 g, and 40 g,
respectively. The green shaded area consistently represents the safe operational region within the blade-casing
clearance, where rub-impact is avoided. As can be observed from the figure, the rotor displacement response
increases with the increasing impact load. The maximum rub-impact displacement response of 1 A increases
from 0.017 mm to 0.29 mm, while the maximum displacement of the gas turbine rotor increases from 0.055 mm
to 0.12 mm. Although the impact displacement response of 1 A is larger, the 1GT is more prone to rub-impact
under impact loads due to its very small rub clearance. Furthermore, as the impact load increases, the number of
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times the rotor’s post-impact displacement response exceeds the clearance limit also increases, indicating a rise
in the number of rub-impact events and a heightened risk of instability.

Figure 24 depicts the rotor center orbits for the 1 A and 1GT disks under varying impact loads, illustrating
the corresponding motion paths of the gas generator rotor. The orbits show that the rotor’s motion path changes
significantly as the impact load increases, with the eccentricity becoming more pronounced and the vibration
amplitude growing substantially. Notably, the 1GT rotor exhibits clear instability under higher impact loads.
This instability is reflected in the irregularity of its motion path and may compromise the stability and reliability
of the entire rotor system. To mitigate this issue, effective vibration isolation for the gas turbine engine should
be implemented through the tank’s suspension and support structure, for instance, by employing advanced
vibration isolation materials or active suspension systems to absorb and isolate external impact loads, thereby
mitigating damage from rotor rubbing during combat operations.

Influence of support damping on the rub-impact response of the gas generator rotor system

The parameters of the SFD significantly govern the response amplitude of the gas generator rotor. The influence
of support stiffness was found to be negligible under impact excitation, as it primarily affects the system’s natural
frequency and has limited effect on the response at non-critical speeds. Therefore, this section focuses on
investigating the influence of support damping on the rub-impact response of the gas generator rotor system
under impact excitation. The unbalance of both the first-stage blade disk (1 A) and the second-stage turbine
(2GT) is set at 10 g-mm; support stiffness is 1.5x 107 N/m; equivalent rub-impact stiffness is 1x 10% N/m; rub
clearances are 0.15 mm in the compressor section and 0.03 mm in the turbine section; and the shock excitation
amplitude is 20 g. Time-domain rub-impact responses and rotor center orbits of the gas-generator rotor are
analyzed for support damping values of 500, 1000, 1500, and 2000 N-s/m, as presented in Figs. 25 and 26.

The legend suffixes N1 to N4 represent support damping of 500 N-s/m, 1000 N-s/m, 1500 N-s/m, and
2000 N-s/m, respectively. Analysis of the time-domain response demonstrates that increased damping
significantly reduces the peak response amplitude, consequently lowering the probability of blade-casing
contact. Higher support damping accelerates the vibration decay rate and substantially shortens the recovery
time. This occurs because damping promotes energy dissipation, allowing the system to return to a stable state
more rapidly. Conversely, insufficient support damping demonstrates adverse effects: the resulting increase
in response amplitude promotes more frequent rotor-stator rubbing events. This correlation arises because
inadequate damping fails to dissipate vibration energy effectively, permitting rotor displacements to exceed safe
operational limits. Therefore, to ensure stable operation of the gas generator rotor system, the support damping
should be maintained at or above 2000 N-s/m.

Influence of blade-casing stiffness on the rub-impact response of the gas generator rotor system
Blade-casing stiffness critically dictates the deformation behavior during rubbing. Higher stifftness constrains
deformation, potentially raising contact forces and local stresses. Conversely, lower stiffness allows greater
deformation, which may dissipate energy but also prolong contact or increase contact area, complicating
the system’s dynamics and wear. Consequently, optimizing blade-casing stiffness is essential for robust
turbomachinery design. Following this analysis, this section will examine the influence of stiffness on rubbing
response under maneuver-induced impacts.

Based on the allowable range of structural parameters for the gas generator rotor system studied in this
paper, an imbalance of 10 g-mm was applied to both 1 A and 2GT, the support stiffness was set to 1.5x 10” N/m,

10g -03 UZ/mm 10g -0.1-
(a) 1A (b) 1IGT

Fig. 24. The rotor center orbit of 1 A and 1GT under different impact loads.
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Fig. 26. The rotor center orbit of 1 A and 1GT under different support damping.

the rotor rubbing clearance in 1 A was 0.15 mm, and in 1GT was 0.03 mm. An impact excitation amplitude of
20 g was applied. The time-domain responses and axial trajectories of the rotor under rub-impact conditions
for different blade-casing stiffness were analyzed, with specific results shown in Figs. 27 to 28. In Fig. 27, the
suffixes K1 to K4 in the legend represent rubbing stiffness values of 2.5x 10" N/m, 5x 10’ N/m, 7.5 x 10" N/m,
and 10x 107 N/m, respectively.

From the time-domain vibration responses and shaft orbits, it is evident that rub-impact stiffness has a
significant effect on the gas generator rotor’s rub-impact response. As the rub-impact stiffness decreases, the
amplitude of the rotor’s response increases, and the range of the shaft orbit expands accordingly. Comparing
the maximum stiffness K1 to the minimum stiffness K4, the maximum rub-impact response amplitude of 1 A
under the impact load decreases by 9.91%, with the post-impact response peak reducing by 18.37%. For 1GT,
the maximum response amplitude under the impact load is reduced by 13.16%, and the post-impact response
peak decreases significantly by 30.23%. This indicates that a higher rub-impact stiffness can effectively limit the
rotor’s displacement during the rub-impact process.
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Fig. 28. The rotor center orbit of 1 A and 1GT under different blade-casing stiffness.

Therefore, it is recommended to reduce the effective rub-impact stiffness through composite bushings
or flexible supports to suppress the peak contact force; meanwhile, for high-stiffness casing systems, the tip
clearance can be expanded (120% to 150% of the design value) to prevent impact rub-impact instability.

Influence of blade-casing clearance on the rub-impact response of the gas generator rotor system

The blade-casing clearance significantly affects the rub-impact response of the gas generator rotor system. A
smaller clearance restricts rotor eccentric displacement, increasing the probability of rotor-stator contact and
leading to amplified vibration amplitudes and accelerated wear. Conversely, a larger clearance compromises
engine aerodynamic efficiency and power output. This section investigates the influence of clearance size on the
rub-impact response characteristics of the rotor system under shock excitation. Figures 29 to 30, 31 present the
time-domain responses and rotor center orbit under varying blade-casing clearances.

In Fig. 29, the legend suffixes X1 through X4 represent rubbing clearances of 0.01 mm, 0.03 mm, 0.05 mm,
and 0.07 mm, respectively. Analysis reveals that when the rubbing clearance ranges from 0.01 to 0.03 mm, the
actual gap between the rotor and casing is minimal, increasing the likelihood of synchronous circumferential
rubbing under external impact excitation. Consequently, the peak vibration response of the rotor increases
significantly. With larger blade-tip clearances, rubbing typically manifests as partial contact—characterized
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Fig. 30. The rotor center orbit of 1 A and 1GT under different blade-casing clearance.

by intermittent rotor-casing interaction—which ceases upon the removal of impact excitation. Orbit diagram
analysis confirms that larger clearances correspond to a diminished rotor response. The established rub-impact
model and response characteristics reveal that both the rub clearance and equivalent rub stiffness collectively
govern the intensity of the rub excitation. An appropriate matching of these two parameters can effectively
improve post-rub vibration stability and mitigate rubbing-induced damage. Furthermore, the incorporation of
abrasion-resistant materials or specialized coatings in the casing design can reduce damage to both the rotor and
casing caused by rubbing.

Influence of unbalanced mass on the rub-impact response of the gas generator rotor system

During the operation of a gas generator, factors such as wear and corrosion of blade surfaces, deposition of
particleslike sand and metal shavings in the inlet airflow, and sludging/scaling caused by impurities (e.g., moisture
and carbides) in lubricating oil leading to local oil accumulation continuously alter the mass distribution of
the rotor, thereby leading to an unbalanced response. The unbalanced centrifugal load generated by residual
unbalance serves as the primary excitation source driving the rotor’s dynamic response. This excitation directly
determines the amplitude of rotor bending vibration, which in turn affects the actual rubbing depth between
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Fig. 32. The rotor center orbit of 1 A and 1GT under different unbalanced masses.

blades and the casing under high-impact conditions. Thus, residual unbalance is a key influencing factor for the
rubbing response of the gas generator rotor system.

During the study, the residual unbalance of the gas generator rotor was set to vary within the range of
100 g'mm to 250 g-mm, with a rubbing clearance of 0.05 mm, an equivalent rubbing stiffness of 10 x 10" N/
mm, a fixed rotational speed of 45,000 r/min, and an impact excitation amplitude of 20 g. Based on the rubbing
dynamics model of the rotor system established in this paper, the motion state of the rotor system after impact-
induced rubbing was analyzed. The calculation results are shown in Figs. 34, 35 and 36, where U1, U2, U3, and
U4 represent residual unbalances of 100 g-mm, 150 g-mm, 200 g-mm, and 250 g-mm, respectively.

As indicated in the figures, with the increase of residual unbalance, the rubbing depth of the gas generator
rotor increases from 0.05 mm to 0.15 mm. Notably, the shaft center orbit after rubbing consistently exhibits
obvious synchronous full-circle rubbing (see Figs. 32). When the residual unbalance changes from 100 g-mm
to 250 g-mm, the vibration response of the rotor before rubbing increases slightly, while that after rubbing
increases significantly. Specifically, when the residual unbalance is 250 g-mm, the maximum rubbing depth
reaches 0.15 mm. In summary, the increase in rubbing depth caused by larger residual unbalance exacerbates the
hazard of rubbing. Therefore, in engineering practice, to mitigate the risks of rotor rubbing faults, it is necessary
to minimize the residual unbalance value, in addition to controlling the magnitude of rubbing loads.
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Conclusion

This paper investigates the rub-impact response characteristics of the gas generator rotor system under impact
excitation, providing a theoretical basis for the optimal design of rub-impact in the gas generator rotor system of
aero-derived gas turbines. The main conclusions of this study are as follows:

(1) As the impact load increases, the number of rub-impact occurrences of the rotor after the impact also
increases, leading to a higher risk of instability.

(2) With the increase of support damping, the time required for the rotor to return to normal operating state
is significantly shortened. In practical gas generator rotor systems, modifying or designing support damping is a
more feasible engineering measure compared to altering other parameters. To ensure the stable operation of the
gas generator rotor system, the support damping is recommended to be no less than 2000 N-s/m.

(3) The blade-casing clearance and blade-casing stiffness jointly determine the rotor rub-impact excitation.
Excessive clearance will damage the engine’s aerodynamic performance and cause power loss, while reasonable
blade-casing stiffness parameters can enhance the vibration stability of the rotor support system and reduce the
harm of rub-impact.

(4) The study shows that residual unbalance significantly increases the risk of rotor rubbing faults. As
unbalance increases, the rotor’s vibration amplitude and rubbing depth also increase, which in turn exacerbates
the severity of rub-impact. Therefore, controlling residual unbalance is a critical factor for ensuring the safe
operation of the rotor system under high-impact conditions.
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